This article investigates the effectiveness of using a non-traditional vibration absorber for the purpose of simultaneous vibration suppression and energy harvesting. Unlike the commonly used vibration absorber in which the absorber damper is attached to the primary mass, the non-traditional vibration absorber under study has its damper connected between the absorber mass and the ground. In this article, an apparatus of such a configuration is developed. It consists of a primary system subjected to a ground excitation and the non-traditional vibration absorber whose frequency and damping can be tuned. An electro-magnetic device serves as both the absorber damper and the energy harvester. The optimum parameters of the vibration absorber are derived based on the classical ''fixed-points'' theory. The mechanism of the electro-magnetic damper is developed and its energy harvesting performance is investigated. The results are validated using both computer simulation and experiment. The study shows that when the vibration absorber is optimally tuned with respect to the frequency tuning ratio and load resistance, the frequency response function of the primary mass can be made near flat in a wider frequency band. It also demonstrates that the dual purpose of vibration suppression and energy harvesting can be achieved with the proposed absorber.
Introduction
The damped vibration absorber (DVA), or tuned mass damper (TMD), is one of the passive control devices for vibration suppression. By attaching a mass-springdamper system to a single-degree-of-freedom (SDOF) primary structure, the vibration of the structure can be significantly reduced over a wide frequency band. The key aspects of designing a TMD are the determination of two variables: the frequency tuning ratio (b), which is the ratio of the natural frequency of the TMD to that of the primary structure, and the damping ratio which can be defined as the ratio of the damping coefficient to either the critical damping coefficient of the TMD or the product of the critical damping coefficient and reciprocal of the frequency tuning ratio. Various researches have been conducted to find the optimum values of these parameters. In a classical textbook on mechanical vibration, Den Hartog (1940) developed the most famous theory, known as the ''fixed-points'' theory, and found the optimum frequency tuning ratio b opt . In continuation of this work, Brock (1946) derived the analytical expression of the optimum damping ratio. This research was then extended to various excitation conditions (Warburton, 1982) , and the inherent damping of the primary system was also taken into consideration, requiring computationally intensive numerical optimization (Rana and Soong, 1998) .
Figure 1(a) shows the configuration of a traditional TMD, often referred to as ''model A.'' As the damper is connected between the absorber mass and the primary mass, installation of such a TMD can be challenging when the damper requires a certain stroke space and the space available is limited. Figure 1 (b) shows a variant design of TMD, also known as ''model B,'' where the damper is connected between the absorber mass and the ground directly. For an undamped primary structure attached by a model B TMD and subjected to a harmonic force excitation, the optimum parameters of the model defined in absolute displacements were derived using the classical ''fixed-points'' theory by Ren (2001) . The results were verified by Liu and Liu (2005) later using a slightly different approach.
They have shown that model B can achieve greater vibration reduction for the primary system than model A. Cheung and Wong (2009) found the optimum parameters of model B by minimizing the normalized velocity magnitude of the primary mass.
Despite the demonstrated effectiveness using the ''fixed-points'' theory, it has been found that the classical design methodology does not lead to the global minimum resonant amplitude for an SDOF system under harmonic excitation for model B (Cheung and Wong, 2011a; Xiang and Nishitani, 2014) . Cheung and Wong (2011a) derived the optimum parameters of model B using the H ' objective function. Such an optimum model B can achieve lower maximum amplitude response than the previously found results. They (Cheung and Wong, 2011b ) also derived the H 2 optimum parameters to minimize the total vibration energy of an SDOF system under random excitation and made a comparison with the traditional TMD. Xiang and Nishitani (2014) proposed a different optimum design method from the standpoint of obtaining a wider suppression bandwidth. When the damping of the primary structure is considered, different methods are required to find the optimum tuning parameter. Liu and Coppola (2010) presented an approximate closed-form solution for the optimum tuning parameter that was validated using two different numerical methods, Chebyshev's equi-oscillation theorem (Pennestri, 1998) and sequential simplex method (Belegundu and Chandrupatla, 1999) . Anh and Nguyen (2014) proposed a dual equivalent linearization technique to derive the approximate analytical solutions for the H ' optimum parameters for this variant TMD attached to a damped structure subjected to force excitation.
Some research attention has been focused on model B attached to an undamped primary system under a harmonic ground excitation. Wong and Cheung (2008) investigated the optimum parameters using the ''fixedpoints'' theory, with the performance index defined as the maximum magnitude of frequency response function (FRF) that is the ratio of the primary structure's absolute displacement to the ground displacement. Xiang and Nishitani (2015) used the displacement coordinates relative to the ground motion to define the model. In their work (Xiang and Nishitani, 2015) , the FRF was defined as the ratio of the relative displacement magnitude of the primary mass to the relative static deflection of the primary spring due to the inertia force. Using the maximum magnitude of the FRF as the performance index, the optimum parameters were derived. In addition, Xiang and Nishitani (2015) also adopted the stability maximization criterion (SMC) to allow the free vibration of the primary structure decay optimally and demonstrated the effectiveness of the SMC-based TMD both numerically and experimentally.
The idea of energy harvesting using ambient vibration has been vastly explored with a significant impact on the development of wireless sensor networks (Lynch and Loh, 2006) , low-power actuators (Paradiso and Starner, 2005) , microsystems (Beeby et al., 2006) , and so on. One of the most commonly used vibration-based energy harvesting techniques is the piezoelectricity. Some of the studies were focused on the fundamental properties and modeling of piezoelectric material (Feenstra et al., 2008; Ng and Liao, 2005; Shahruz, 2008; Sodano et al., 2004; Stephen, 2006) . Significant amount of researches has also been dedicated to the performance of piezoelectric devices under different external excitations and the optimization of the harvested power with respect to electro-mechanical components of the device as well as the control strategy (Chtiba et al., 2010; Sodano et al., 2005; Stephen, 2006; Yoon, 2008) . Similarly, a great amount of research has been conducted for another popular harvesting method of using electro-magnetic devices (Beeby et al., 2007; Cepnik et al., 2011; Deng and Wang, 2016; Elvin and Elvin, 2011; Harne, 2012; Kremer and Liu, 2014; Mann and Sims, 2010; Masoumi and Wang, 2016; Shen et al., 2012; Sneller and Mann, 2010) . The aforementioned energy harvesting approaches are commonly implemented using a mass-spring-damper design. Considering the interaction between the energy harvesting unit and the primary structure, researchers have been developing devices capable of attenuating the structural vibration while converting the absorbed energy into electrical power Zuo, 2012a, 2012b; Wang and Inman, 2012; Zuo and Cui, 2013) . The idea of simultaneous vibration suppression and energy harvesting has promising applications in many engineering fields. For example, piezoelectric materials can be used to form composite sandwich structures for the purpose of selfcontrolling and self-powering unmanned aerial vehicles (Wang and Inman, 2013) . Researchers have explored inerter-based vibration suppression devices that harvest energy using electro-magnetic tuned inerter damper (Gonzalez-Buelga et al., 2015a) . TMD is another commonly investigated device where researchers combine its ability for vibration control with energy harvesting by introducing piezoelectricity or electro-magnetic coupling (Gonzalez-Buelga et al., 2014 , 2015b Liu et al., 2016) . Studies on energy harvesting-enabled TMD inerter (TMDI) can also be found in literature where both a TMD and an inerter are used (Salvi and Giaralis, 2016) . It should be noted that the aforementioned configurations are based on model A. Gonzalez-Buelga et al. (2014) investigated an optimized TMD/harvester device where the energy-dissipating damper of the TMD is replaced with an electro-magnetic device to transform mechanical vibration into electrical energy. The absorber system is attached to the primary structure with the absorber damper connected between the primary mass and the absorber mass, which is the model A configuration. To the best knowledge of the authors, there has not been any report on simultaneous vibration suppression and energy harvesting based on the model B TMD. This study is motivated to address this need.
For the purpose of this study, an experimental system is developed. It consists of a primary structure subjected to base excitation and a tunable vibration absorber. The tunable vibration absorber is composed of a cantilever beam and electro-magnetic device. The electro-magnetic device acts as both the absorber mass and the electro-magnetic damper. The frequency tuning is achieved by adjusting the length of the cantilever beam while the damping tuning is realized by varying the load resistance of the energy harvesting circuit. The performance criterion is the same one used by Xiang and Nishitani (2015) . The optimum parameters of the vibration absorber are derived based on the classical ''fixed-points'' theory. The optimum energy harvesting is investigated. The results are validated by both computer simulation and experiment.
The rest of the article is organized as follows: section ''Apparatus'' introduces the apparatus developed for this study. Section ''Modeling'' derives the optimum parameters for the developed system and discusses the principle of electro-magnetic damping. Section ''Energy harvesting using model B'' investigates the effectiveness of the energy harvesting using the developed model. Section ''Experiments'' presents the experimental validation. Section ''Conclusion'' draws the main conclusions of the study.
Apparatus
Figure 2(a) shows the schematic of the apparatus developed for this study while Figure 2 (b) shows a photograph of the experimental setup. The primary system consists of an acrylonitrile butadiene styrene (ABS) filament platform supported by two aluminum plates. The lower ends of the plates are clamped to a base that is fastened to a slipping table. The TMD consists of an aluminum cantilever beam and two permanent magnets. One end of the beam is clamped in a slot built in the primary mass block. The beam's length can be adjusted by moving it in the slot. The two magnets are attached at the free end of the beam by their magnetic force. The properties of the beam and the magnets can be found in Table 1 . A pair of coils are fastened directly to the base. The magnets are situated inside the coils such that they form two electro-magnetic dampers. The main parameters of the coils are listed in Table 2 . An electric circuit is formed by connecting the coils in series with a variable resistor that serves as a load. Comparing Figure 2 (a) with Figure 1(b) , it can be seen that the developed apparatus represents a model B TMD: the absorber spring is connected between the primary mass and the absorber mass while the absorber damper is connected between the absorber mass and the ground. 
Modeling

Optimum parameters for model B
This section derives the optimum parameters for model B attached to a primary system subjected to a base excitation in terms of relative displacements. The equations of motion are given as
where m and m a are the primary mass and the absorber mass, respectively; k and k a are the primary spring stiffness and the absorber spring stiffness, respectively; c a is the damping coefficient of the absorber damper; x and x a are the displacement of the primary mass relative to the base and the displacement of the absorber mass relative to the base, respectively; and y is the base displacement. The base excitation is assumed to be a harmonic one with an amplitude of Y and exciting frequency of v. The amplitude of the steady-state response of the primary mass X j j can be readily derived. The performance index used in this study is defined as the displacement transmissibility ratio given as
with the following variables
where X st is defined as the static deflection of the primary mass, v p is the natural frequency of the primary system, v a is the natural frequency of the absorber system, b is referred to as the frequency tuning ratio, m is the mass ratio, z is the damping ratio, and r is the frequency ratio. Den Hartog (1940) pointed out a remarkable peculiarity that the curves of G versus r for different damping ratios intersect at two points P and Q, referred to as fixed points. According to the optimality proposed by him, the optimum tuning happens when those two points have equal height and the curve passes through them horizontally. The abscissas of the two fixed points are first derived by expressing G in the form of
and letting A=C = B=D since G is independent of z at the fixed points. A, B, C, and D are expressions of m, b, and r obtained from equation (3) and the abscissas are found to be
The ordinates of points P and Q can be found by let-
The optimum value for b is thus obtained by setting
Using b opt , the abscissas and ordinates of the fixed points are now found to be 
Brock's (1946) approach is used to find the optimum damping ratios. In order for the curve of G versus r to pass horizontally through point P, one first requires that it passes through a point P 0 of abscissa r 2 = r 2 1 + d and the ordinate G = (2 À m)=( ffiffiffiffiffiffi 2m p ), and then let d approach 0 as a limit. From equation (3), one can have
Substituting r 2 = r 2 1 + d and G = (2 À m)=( ffiffiffiffiffiffi 2m p ) into the above equation, the following can be derived
Since equation (10) assumes the indeterminate form 0=0 if d = 0 as the curve of G versus r for all values of z pass through P, it is easy to see that A 0 = B 0 = 0. As d is a very small number, one can neglect the higher order terms which result in z 2 = A 1 =B 1 . Using the approximations of r 4 = r 
Now substituting r 2 1 and r 2 2 of equation (5) and b Ã of equation (7) into G(r 1 , b Ã ), the above equations yield two optimum damping ratios
As suggested by Brock (1946) , a convenient average value
can be used as the optimum damping ratio. The results obtained here are the same as those in literature (Xiang and Nishitani, 2015) where a differently defined damping ratio was used. The constant tuning is defined as b = 1. In this case, the optimum damping ratio is found to be
Electro-magnetic damper
In order to verify the above derived optimum parameters for model B, both the frequency tuning ratio and damping ratio must be adjustable. The proposed apparatus allows to adjust the frequency tuning ratio by varying the beam length. The electro-magnetic damper used in this study offers a convenient way to adjust the damping ratio by varying the load resistance. This section presents a brief derivation of the electric damping coefficient, and more detailed discussion can be found in literature (Kremer and Liu, 2014) . Figure 3 shows the model for the damper.
For the magnet shown in Figure 3 (a), the equation of motion is given as where y b is the base motion, z is the displacement relative to the base, m 1 is the mass of the magnet, c m is the mechanical damping coefficient, k 1 is the stiffness of the spring, and F e is the electro-magnetic force induced by the interaction of the moving magnet and the coil. When the magnet is oscillating along the coil's axis, Faraday's law of induction predicts that an electric potential will be generated across the coil's lead. For a single loop of coil, the so-called electromotive force (EMF) is given by V s = H loop (v 3 B) Á dL where dL is the differential length of the loop, v is the velocity of the magnet, and B represents the magnetic flux density generated by the magnet. This can be expanded by expressing the vectors in terms of components and reduced to
where Y s =À H loop B r (y, r)dl is the transduction factor for a single loop of coil, B r (y, r) is the radial magnetic flux density in which y is the axial distance between the center of the magnet and the loop, and r represents the radial coordinate. Now consider a magnet moving along the coil axis as shown in Figure 4 where r mag is the radius of the magnet, L mag is the length of one magnet, A coil is the cross-sectional area of the coil, h coil is the height of the coil, and r 1, 2 is the inner/outer radius of the coil. The total transduction factor for one coil located at a distance S is given by
where
and l wire is the total length of the wire of the coil. The total transduction factor for two identical coils connected in series is Y(S) = 2Y coil (S). A closed circuit is formed by connecting a load resistor to the coils as shown in Figure 3(c) . Applying Kirchhoff's law to the circuit yields
where L coil and R coil are the inductance and resistance of one coil, respectively; i is the induced current; and R load is the load resistance. For the coils used in this study, the inductance of the coil is found to be 2L coil = 2:0 mH through measurement. With a maximum driving frequency of 20 Hz, the maximum reactance due to the inductance is Z = 2p(2 3 20) = 251:33 mO which accounts for approximately 5% of the total resistance in the coils. Thus, the coil inductance is neglected in this study to avoid unnecessary analytical complexity. Equation (19) now yields
Recalling equation (15), the electro-magnetic (Lorentz) force F e induced by the current has the form of F e = Yi = c e _ z (Elvin and Elvin, 2011) where c e is defined as the electrical damping coefficient. Using the result in equation (20), c e is found to be
It can be seen that the electrical damping coefficient decreases with the increase in the load resistance and is proportional to the squared value of the transduction factor.
Following the method used by Kremer and Liu (2014) , a finite element analysis software Finite Element Method Magnetics (FEMM) is used to calculate the magnetic flux density of the magnet. Using an axisymmetric model, the radial flux density is found and shown in Figure 5 . As shown, the radial flux density reaches the maximum magnitude at the ends of the magnets and decreases along the positive radial direction. For each coil location S, which is defined as the distance between the center of the magnet and the center of the coil, the double integral in equation (17) is numerically computed using the trapezoidal method, and the relationship between the total transduction factor Y(S) and S is found and shown in Figure 6 . The maximum value of the transduction factor Y max = 2:596 Tm corresponds to two locations S = 625:4 mm, indicating that the maximum electrical damping can be achieved by placing one of the magnet ends at the center of the coil. 
Energy harvesting using model B
In this section, the effectiveness of using model B for energy harvesting is investigated. Consider the system described in section ''Optimum parameters for model B.'' When the structure is subjected to harmonic ground excitation, the instantaneous input power can be defined as
Substituting y(t) = Ye jvt , x(t) = Xe jvt , x a (t) = X a e jvt into equation (22), the instantaneous input power can be written in the form of p in (t) = P in e 2jvt and the amplitude of the input power P in is found to be
For the electro-magnetic damper, the instantaneous dissipated power is defined by
In the above equation, for the sake of simplicity, the mechanical damping c m is neglected. The amplitude of the dissipated power by the electro-magnetic damper is found to be
The ratio of the dissipated power amplitude to the input power amplitude is defined as
A portion of the power dissipated by the electromagnetic damper is harvested by the load resistor. The instantaneous harvested power is defined as p load (t) = i 2 (t)R load . Recalling equation (20), this equation can be written as
Comparing equations (24) and (27) yields
This term represents the percentage of power available for harvesting from the dissipated power by the electrical damping. It indicates that an increase in load resistance results in an increase in the harvested power. In order to examine the influence of the load resistance on the harvested power with respect to the input power, the ratio of the harvested power amplitude to the input power amplitude is defined as
where P load is the amplitude of harvested power. Numerical simulation is performed to study the two performance measures M 1 and M 2 . The parameter values used in simulation are given as m = 0:34 kg, m a = 0:048 kg, and k p = 2520 N=m. With the optimum frequency tuning ratio, the absorber spring stiffness is found to be k a = 283 N=m. The natural frequencies of the combined system are found to be 11.53 and 16.9 Hz. The harmonics base excitation has a frequency range of 6-20 Hz with the acceleration amplitude equal to 1 m/s 2 . The load resistance varies from 0 to 100 O, and the transduction factor of the coils is approximated as constant with a value of 2.596 Tm. In what follows, M 1 and M 2 are referred to as the dissipated power ratio and harvested power ratio, respectively. Figure 7 (a) is a contour plot of the dissipated power ratio versus the exciting frequency and load resistance. It can be seen that high dissipated power ratio occurs around three frequencies 11.53, 15, and 16.9 Hz. Apparently, the first and third frequencies are the resonance frequencies. The second frequency is the so-called anti-frequency at which the greatest vibration suppression is achieved by the absorber. With a minimal vibration of the primary system, the absorber mass vibrates with a largest velocity amplitude, resulting in the dissipation of a greatest amount of power. When the system is excited around the aforementioned three frequencies, the dissipated power ratio is close to 1. When the exciting frequency is away from these three frequencies, the ratio decreases quickly with the increase in load resistance. A clearer view of how the exciting frequency influences the dissipated power ratio under different load resistance is shown in Figure 7(b) . When the load resistance is 0 O, the performance of the damper is most robust when the exciting frequency is between 12 and 16 Hz. The dissipated power ratio experiences more fluctuations in the same frequency range when the load resistance increases.
The harvested power ratio is shown in Figure 8 . When the system is excited with a frequency near the resonance frequencies (11.53 and 16.9 Hz), or the antiresonance frequency (15 Hz), the harvested power amplitude increases with an increasing load resistance and is able to reach approximately 95% of the input power amplitude when R load = 100 O. When the exciting frequency is away from these frequencies, the ratio increases from 0 O to its maximum point with a load resistance ranging from 5 to 20 O and decreases quickly with a higher load resistance. Recalling equation (28), an increase in load resistance will result in a decrease in damping ratio but higher portion of power harvested from the dissipated power. Still in this case when the mechanical damping is not considered, the trade-off is not quite significant and both the satisfactory dissipated power ratio and harvested power ratio can be achieved within the load resistance range from 5 to 20 O. Figure 8(b) shows how the harvested power ratio varies with the exciting frequency under four different load resistances. Note that no power is harvested when R load = 0 O. It can be seen that over the frequency range from 12 to 16 Hz, the lower the load resistance, the smaller and more uniform the harvested power ratio. With an increase in the load resistance, the harvested power ratio increases with a large variation over the frequency range.
The presence of the inherent mechanical damping is also considered. A low damping ratio of 1% is introduced into both the primary and absorber systems. Assuming that the inherent damping is low is justifiable as there is no need to control vibration of a heavily damped system. The time history and amplitude of the instantaneous input power, dissipated power, and harvested power are obtained using equations (22), (24), and (27), respectively. Given the range of the load resistance and exciting frequency, a large series of numerical simulation are conducted, and the results are presented in Figures 9 and 10. Comparing Figures 7 and 9 reveals that a presence of a light inherent damping in the primary system and absorber system does not alter the general trend of the dissipated power ratio. However, the power dissipated by the electro-magnetic damper becomes smaller than that of the system free of the inherent damping. This is expected as portion of the input power is consumed by the inherent damping. Comparing Figures 8 and 10 yields a similar observation. However, when the inherent damping is considered, the trade-off between the power dissipation and the power harvesting becomes more obvious. When setting the load resistance to 15 O to achieve a better harvesting efficiency, the dissipated power ratio within the optimum operation range decreases to around 70% and the corresponding damping ratio is approximately 4%. The harvested power ratio is also closely examined in Figure 10 (b) under four different load resistances. Note that no power is harvested if R load = 0 O. Comparing to the other two cases, the case with R load = 8 O gives a satisfactory balance between the magnitude and robustness of the harvested power ratio. Figure 11 illustrates the definition of DG and G f p where G f p is the displacement transmissibility ratio of the primary mass under resonance without the absorber and DG is the difference between the displacement transmissibility ratio of the primary mass after the absorber is attached and G f p . Compared to the original displacement transmissibility ratio at resonance, that is, G f p , the primary mass experiences much smaller resonance amplitudes with the absorber. The lower the load resistance, the more vibration suppression is obtained. DG is also calculated at the original resonance frequency (13.7 Hz) and it can be seen that great vibration suppression can be achieved. The harvested power ratio values at the resonance frequencies and the anti-resonance frequency are also listed in the table. As discussed earlier, the higher the load resistance, the higher the energy harvesting efficiency. Table 3 also gives the values of the dissipated power and harvested power at the aforementioned three frequencies. Figure 12 shows P e versus f and P load versus f for four different load resistances, respectively. As it can be seen, P e and P load reach the maximum values at the natural frequencies. Despite the fact that more percentage of power is dissipated at lower load resistances and thus higher damping levels, P e is lower, yet more uniform, at lower resistances. The story is different for P load where its values increase with load resistance.
Experiments
A photograph of the experimental setup is shown previously in Figure 2(b) . Figure 13 is a schematic of the experimental system. The base is driven by a B&K type 2809 shaker through a stinger. The shaker is driven by a B&K type 2718 power amplifier whose current can be monitored. An accelerometer is attached to the base to monitor the base acceleration. Three Wenglor CP24MHT80 reflex laser (RF) sensors are used to measure the displacements of the primary mass, absorber mass, and the base, respectively. The computer used in this study is equipped with a dSPACE dS1104 data acquisition board that collects all the sensor signals Table 3 . Simulation results on vibration suppression and energy harvesting. Figure 11 . Primary displacement transmissibility ratio with mechanical damping.
and outputs the excitation signal to the power amplifier. A Simulink model is developed and connected to the dSPACE Control Desktop software to control the experiment.
Electrical damping
The damping effect of the electro-magnetic damper is first experimentally investigated. The test is conducted on the TMD system only. The system is fastened to a stationary base with a laser sensor capturing the displacement of the absorber mass (i.e. magnets). The absorber mass is found to be m a = 0:048 kg. The length of the cantilever beam is set to be 116 mm. The natural frequency of the TMD system is found out to be f a = 14 Hz through free vibration tests. Thus, the absorber stiffness is calculated as k a = m a v 2 a = m a (2pf a ) 2 = 371:94 N=m. By tapping the absorber mass gently, free vibration responses are generated. From the response data, the ratio of mechanical damping is found to be z m = 0:002. Thus, the inherent mechanical damping coefficient is c m = 0:0357 N s=m.
In order to find out the electrical damping coefficients under different load resistances, the resistance of the load resistor R load is varied from 0 to 200 O. Multiple sets of free vibration tests are conducted. Free response data are used to calculate damping ratios using the log decrement method. The electrical damping coefficients are then determined by subtracting the mechanical damping coefficient from the total damping coefficients. Figure 14 compares the identified electrical damping coefficients with the ones calculated using equation (21).
The identified values agree well with the analytical ones. The maximum electrical damping coefficient achieved by the damper is found to be (c e ) max = 1:4156 N s=m when R load = 0 O. This value corresponds to a damping ratio of approximately 17%. This is the highest damping level that this damper can achieve. During the experiment, it is observed that the absorber mass oscillates only three cycles when the electric circuit is directly closed or R load = 0 O. As the load resistance increases from 0 to 40 O, the damping coefficient decreases significantly to 0.1437 N s/m. When the load resistance is increased further, the damping coefficient experiences a steady decay to 0.0447 N s/ m that corresponds to a damping ratio of 0.5%.
Vibration suppression
The mass of the primary system is found to be m p = 0:279 kg. By analyzing the free responses of the primary system, the natural frequency is found out to be f p = 13:31 Hz. The stiffness of the primary system is thus found to be k p = m p (2pf p ) 2 = 1951:28 N=m. With a mass ratio of approximately 0.14, the optimum tuning parameters are found to be
which requires an absorber stiffness of k a = 360:98 N=m. The natural frequencies of the combined system are found to be 11.53 and 16.89 Hz. The frequencies corresponding to the two fixed points are also found to be 12. 75 and 16.42 Hz. It is expected that the system should be excited by ground motion with a constant base acceleration. An accelerometer attached to the base is used to monitor the acceleration. The root-mean-square (RMS) value of the base acceleration is computed, and the amplitude of the signal sent to the shaker is adjusted accordingly. A base acceleration of 0.56 m/s 2 is used and kept relatively constant throughout the experiment.
First, an non-optimally tuned case is examined. The length of the absorber beam is set to 125 mm arbitrarily. The maximum load resistance used is set to be 20 O to ensure no direct contact between the oscillating magnets and the inner wall of the coils when the system is under resonance with the lowest damping ratio. By conducting a sweeping excitation test within the frequency range of 6-20 Hz, the absolute displacements of the primary mass, absorber mass, and the base are recorded. The relative displacement of the primary mass is obtained by subtracting the displacement of the primary mass by that of the base. The displacement transmissibility ratio is calculated. The test is then repeated for three other load resistance: 8, 2, and 0 O representing the damping ratios of 6%, 11%, and 17% respectively. Figure 15(a) shows the displacement transmissibility ratios under four different damping levels. It can be seen that there exists two fixed points where all the curves intersect. The coordinates of these two points are f P = 12:6 Hz Hz, G P = 2:501 and f Q = 16:0 Hz, G Q = 3:99, respectively. Then the optimum length of the absorber beam is determined using the above calculated absorber stiffness. After some fine tuning, the absorber beam length is set to be 117 mm. The experiment is repeated again and the result is shown in Figure 15 (b) . As shown in the figure, the ordinates of the two fixed points are almost equal to each other. The abscissa and ordinates of the fixed points are f P = 12:75 Hz, G P = 3:145 and f Q = 16:45 Hz, G Q = 3:111, respectively, that are very close to the calculated values. The system can be considered optimally tuned with respect to the frequency tuning ratio. The optimum damping ratio is calculated to be 24.1%, corresponding to a damping coefficient of approximately 1.9 N s/m. This is beyond the maximum damping coefficient achievable by the developed damper. Nevertheless, it should be noted that the displacement transmissibility ratio curve becomes flatter as the load resistance decreases or the damping ratio increases. When the load resistance is 0 O, the curve reaches a local maximum value at the second fixed point. It is reasonable to expect that the curve will reach its global maximum value at the two fixed points when the optimum damping ratio is achievable.
Energy harvesting
When the system is optimally tuned with respect to the frequency tuning ratio, the voltage across the load resistor is recorded under four different damping levels (R load = 20, 8, 2, 0:2 O, where the case of R load = 0:2 O is considered to be very close to the closed circuit). As only the displacement signals are available, the velocity and acceleration data are obtained through numerical differentiation. With the velocity and acceleration responses, the input power, dissipated power, and harvested power are calculated using equations (22), (24), and (27), respectively.
It is worth noting that numerical differentiation is very susceptible to noise present in signals and each differentiation will amplify noise. To minimize the effect of noises, several measures are taken. First, the displacement signals are filtered by a low-pass filter with a cut-off frequency of 80 Hz. Then the filtered signals are interpolated using cubic spline approximations. The second measure is taken regarding the calculation of the power amplitudes. Recalling section ''Energy harvesting using model B,'' when the system is excited under a certain frequency, the instantaneous input power, dissipated power, and harvested power are essentially harmonic signals with constant offsets. Removing the offsets, the RMS value of the remaining signal is proportional to the peak-to-peak amplitude of the original signal. Thus, in the experiment, the RMS value of the input power, dissipated power, and harvested power over a time period of 15 s are conveniently calculated after the mean values of each variable are removed. Figure 16 (a) shows the results of the percentage of the dissipated power amplitude to the input power amplitude. For each load resistance, the calculated dissipated power ratios are marked as colored dots in the figure. It can be seen that noise still exerts effects after taking the aforementioned measures. Hence, cubic smooth spline is used to fit the data points which give a better presentation of how the ratio changes with varying exciting frequencies and load resistances. A good agreement between the experiment results and the simulation results is observed. With a decrease in load resistance, more power is dissipated in a steady manner within the exciting frequency range of 11-17 Hz. The maximum dissipated power ratio occurs around the exciting frequencies of 11.5, 17.0, and 15.0 Hz with the first two frequencies being the natural frequencies of the structure and the third one the anti-resonance frequency.
Figure 16(b) shows the ratio of the harvested power amplitude to the input power amplitude. Optimum exciting frequency range remains the one within 11-17 Hz. Although the maximum harvesting ratio is achieved at R load = 20 O, the curve experiences more fluctuation. When R load = 0:2 O, the curve becomes quite flat with ratio values near 0. Figure 17 shows the dissipated power amplitude and harvested power amplitude versus the exciting frequency with four different load resistances. The results agree well with the analytical ones shown in Figure 12 . Table 4 shows the values of the dissipated power ratio and the harvested power ratio corresponding to the natural frequencies and anti-resonance frequency with four different load resistances. It also gives the values of the dissipated power amplitude and harvested power amplitude obtained from Figure 17 . The results from the experiment agree well with the simulation ones. The magnitudes of P e and P load are in a reasonable range considering the size of the apparatus and the excitation level.
Conclusion
A variant vibration absorber referred to as model B has been used for simultaneous vibration suppression and energy harvesting. For this purpose, a tunable damped model B vibration absorber has been developed. The absorber frequency can be tuned by varying its stiffness while the absorber damping can be tuned by varying the load resistance of the energy harvesting circuit. The dynamic model has been defined using the displacements of the primary mass and absorber mass relative to the base. For vibration suppression, the displacement transmissibility ratio of the primary mass is used as the performance criterion. The optimum parameters, including the frequency tuning ratio and the damping ratio, have been derived using the classical ''fixed-points'' theory.
The electro-magnetic coupling induced by the damper has been established. To measure the performance of the electro-magnetic damper, two ratios have been defined, namely, the dissipated power ratio and the harvested power ratio. A computer simulation has been conducted. The following findings have been obtained. The dissipated power ratio reaches higher value at the resonance frequencies and anti-resonance frequency of the combined system with lower load resistance. When the inherent mechanical damping is taken into consideration, the ratio decreases quickly as the electrical damping decreases to the level close to the mechanical damping. The amount of the harvested power is proportional to the load resistance. This brings up a tradeoff situation because when the load resistance is increased, the electrical damping drops as well as the amount of the power dissipated by the damper. An experimental study has been carried out. First, the effectiveness of the developed damper is tested. The results show a good agreement with the analytical results. Four sets of sweeping excitation tests have been conducted on the combined system. By tuning the absorber stiffness, the displacement transmissibility ratios at the fixed points can be made equal. By tuning the load resistance, the displacement transmissibility ratio curve can be made almost flat between the fixed points. Although the optimum damping ratio of 24% is unable to achieve with the developed damper. The absorber's robust performance in vibration suppression is validated with the maximum achievable damping ratio of 17%. With regard to the energy harvesting, the experiment results also agree well with the simulation results. Among the four load resistances used in the experiment (R load = 20, 8, 2, 0:2 O), the resistance of 8 O appears to offer a good trade-off between vibration suppression robustness and energy harvesting efficiency.
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